The current study presents a multi-body dynamic model for investigating the vibration responses of a cylindrical roller bearing with localized surface defects such as dents on raceways. This model is developed with the assumptions that outer raceway is fixed in space and other elements have three degrees of freedom (DOF): two translations and one rotation. Centrifugal forces, gravity forces and slipping of the rollers are taken into account. The couplings of the Hertzian line contact deformation theory and the slice method are used to calculate all the contact forces. Local deflections due to defects are introduced into the constructed model by the time-varying deflection excitation. The equations of motion are established by the Newton-Euler method and solved by the fourth-order Runge-Kutta integration method with variable steps. Both time and frequency domains are used to analyse dynamic responses of the defective bearing. Some new components of the characteristic defect frequency can be seen from the results. The effects of time-varying surface models, different defect types and defect sizes on dynamic responses of the defective bearing are studied. An experiment is carried out to validate the proposed model. Comparison of the frequency spectrum in simulation results with that in the experiment shows reasonable qualitative agreement.
Introduction
Rotating machinery is the most important equipment in industrial applications. Cylindrical roller bearings are the key parts due to their load-carrying capacity and low friction characteristics. They have a great influence on dynamic responses of the rotating machinery and act as the main source of vibration and noise. The undesirable vibrations can be caused by variable stiffness, varying compliance, internal clearance, distributed defects or localized defects. The distributed defects are created by manufacturing errors, such as improper installation, surface roughness, waviness, misaligned raceways and off-size rolling elements, 1, 2 whereas the localized defects are associated with surface fatigue failure, such as cracks, pits and spalls. 1 For the frequencies induced by these vibrations of bearings, some researchers have presented various experiments and measurement methods. Wardle 3 used an experiment to show the effect of loading on the bearing vibration. Aini et al. 4 demonstrated the dominant measurable vibration from a loaded rotor-bearing system are frequency contributions due to system natural frequencies in various degrees of freedom, such as in the vertical lateral vibration (bounce mode) and tilting/pitching motions due to eccentric loading as well as in axial motion due to any thrust load. To clearly observe the bearing induced frequencies, it is necessary to run spindles and rotors without application of significant external forces. This was done by Lynagh for a machine tool vertical spindle. In these experiments, the processing of vibration signals obtained in experiments is very important in order to observe particular contributions. The power spectral density distribution was used by Lynagh et al. 2 Vafaei et al. 5 presented a more enhanced method to quantify particular frequency contribution due to cage rotation or out-of-balance shaft. In Vafaei's method, autoregression moving average method (ARMA) reduced the problem of averaging with the usual Fast Fourier Transformation (FFT) techniques. However, the complexity of the loading mechanism in the bearings with localized failures increases the difficulty in the vibration analysis, and the sampled frequency components cannot be clarified. To explain these frequencies and provide a research foundation for bearing condition monitoring and defect failure diagnosis, it is necessary to study the vibration responses generated by the defective cylindrical roller bearings. The aim of this work was to develop a more precise dynamic model for the simulation of cylindrical roller bearings with localized defects.
A number of studies have been published on the vibration analysis of rolling element bearings with localized defects, and these proposed models can be classified into three kinds: vibration monitoring models, quasi-static models and dynamic models. The early work on the vibration monitoring modelling of bearings with localized defects was achieved by McFadden and Smith. 6, 7 In their research, a vibration model was proposed for rolling bearings with single and multiple point defects under radial loads, and the defect impulses were modelled by repeated force excitations. Tandon and Choudhury [8] [9] [10] proposed a model to predict the vibration frequencies of outer raceway, inner raceway and rolling balls due to distributed and localized defects under radial and axial loads, and the defects were described by finite-width triangular, rectangular and half-sine functions. BRIE 11 studied the vibration characteristic caused by quasi-periodic defected impulses. A stochastic model for simulating rolling element bearings with localized faults was addressed by Antoni and Randall, 12 and the excitation force generated by a defect was modelled as a random point process. Cong et al. 13 proposed a fault model based on the dynamic load analysis of a rotorbearing system under the alternate and determinate defect load. All these models were calculated by signal processing methods, and the envelope spectrum of defects was obtained. However, the reason of defect impulses cannot be explained clearly.
For remedying the deficiency of the vibration monitoring models, quasi-static models were used. Jones 14 presented the quasi-static model of rolling element bearings first. Later, this model was developed by Harris. 15 In the quasi-static model, forces and moments acting on the rolling elements were defined by the motions of bearing components. Then, the governing balanced equations could be obtained and solved by the Newton-Raphson method while centrifugal forces and gyroscopic moments were also taken into account. On the basis of quasi-static models, Jang and Jeong 16, 17 calculated the vibration characteristics of ball bearings under the influences of surface waviness. Bai and Xu 18 studied dynamic properties of a rotor-ball bearing system under the effects of internal clearance and surface waviness. Patel et al. 19 discussed nonlinear dynamic responses of a rotor-ball bearing system with localized defects on inner raceway and outer raceway. Nevertheless, the quasi-static model only provides a solution to the components' positions and velocities for one instant of time in the steady state operation, and it cannot predict the effects of time varying dynamic loads or lubricant characteristics.
To overcome the shortcomings of quasi-static models, dynamic models were proposed. An early simple dynamic model was proposed by Sunnersjo¨2 0 and Rahnejat, 21 which was named as the varying compliance vibration model. In this model, rolling balls were ignored, the interaction between inner raceway and outer raceway was modelled as a nonlinear contact mass-spring-damper system, and nonlinear spring forces were obtained by the Hertz theory. Moreover, inner raceway included two translational three degrees of freedom (DOF) in the plane, and orbit speeds of the balls were assumed constant. Based on this method, Wardle 22 studied the effects of surface waviness on vibration forces of thrust-loaded ball bearings. Considering the effect of rolling elements' surface waviness and off-sized balls, Lynagh et al. 2 formulated the significant principal and secondary side-band contributions of a ball bearing. Sawalhi et al. 23 ,24 simulated a gear-rotor-bearing system with localized faults. Rafsanjani et al. 25 studied nonlinear dynamic characteristics of rolling element bearings due to localized defects on balls, inner raceway and outer raceway. Patil et al. 26 investigated the effects of defect sizes and defect location on ball bearings' vibrations. Behzad et al. 27 used a stochastic source of vibration excitations to explain the high frequency in defective bearings. Kankar et al. 28, 29 formulated discrete spectrum reaching peaks at the defect frequencies and their harmonics, and they also confirmed that the stability of ball bearings decreased due to spalls on the rolling elements. Based on the coupling of half-sine and rectangular functions, Liu et al. 30 researched the vibrations of ball bearings with time-varying localized faults. Shao et al. 31 proposed a new defect model by considering both time-varying deflection excitations and time-varying contact stiffness excitations for defective cylindrical roller bearings. Babu et al. 32 investigated vibration responses of a rigid rotor supported by two angular contact ball bearings, and three rotation DOFs were considered in this model. Accounting for outer raceway and the housing, Liu et al. 33 established the vibration transmission characteristics of impulses caused by localized defects through a deep groove ball bearing system. Arslan et al. 34 developed a shaft-bearing model to investigate the vibration of balls in defected bearings, the connections between the shaft and balls were considered as mass-spring systems, and all the translational DOFs were considered. On the basis of Arslan's model, Patel et al. 35 proposed a dynamic model to show the vibrations of bearing components in time and frequency domains for a deep groove ball bearing with single and multiple defects on raceways, and translational DOFs of the housing were also considered. Recently, Yuan et al. 36 studied the vibration characteristic of a rotor system supported by two ball bearings considering single and compound multidefects. Patel and Upadhyay 37 also used the massspring-damper model to analyse the vibration of a rotor-cylindrical roller bearing system with defective raceways, and the stiffness of nonlinear springs was obtained by the Hertz contact stress and balanced equations of forces. However, this simple massspring-damper dynamic model cannot describe the detailed interactions between bearing elements, especially for tractive forces and moments between rolling elements and raceways.
For the accurate analysis of defective rolling element bearings, more complicated dynamic models were constructed. First, the finite element method was taken into account, and Kiral et al. 38, 39 used it to model the bearing system (including the housing), and the influences of defect position/location on the bearings' vibrations were surveyed. Liu et al. 40 studied the effects of defect shape, radial load and shaft speed on the pulse waveform characteristics generated by localized defects. Though the finite element method is able to describe the contact interaction between bearing components, the spin motions of rolling elements cannot be given. For this insufficient, based on the software ADAMS, Sopanen et al. 41, 42 proposed a 6-DOF dynamics model to explore the impact of localized and distributed defects, and both nonlinear Hertz contact deformation and elastohydrodynamic fluid film were included. Nevertheless, the bearing friction torque was obtained by the empirical formulas in this model. Nakhaeinejad et al. 43 also developed a dynamic model of rolling element bearings with defects using bond graphs. In Nakhaeinejad's model, the interaction between bearing components was also set up by the empirical equations, and only one rotation DOF of the rolling ball was considered. Later, on the basis of Lagrange method, Adams 44 made the vibration analysis of ball bearings with single and multiple faults. Harsha et al. 45 predicted nonlinear dynamic responses of a rotor-bearing system with surface waviness. Cao and Xiao 46 investigated the vibration characteristic of a double-row spherical roller bearing under the influences of clearance, waviness, axial load and point defects. Tadina et al. 47 developed an improved model coupling with the FE model of the housing to simulate vibration responses of ball bearings with different local faults. Although more comprehensive analysis could be carried out in all of these models, the detailed interaction between rolling balls and raceways cannot also be gained, especially for the slippage.
To make a more detailed analysis of rolling elements' transient motions, efficient dynamic models are indispensable. The three-dimensional six-DOFs dynamic model of rolling element bearing was firstly proposed by Gupta. [48] [49] [50] In his model, the Hertzian force-deflection method was used to model the contact interaction, while the lubrication traction/slip theory was used for the traction modelling. Governing differential equations were solved to simulate the motions of all bearing elements over a specific time interval. On the basic of dynamic models, Ashtekar et al. 51, 52 focused on the effects of dents, bumps, debris and inner race speed on the performance of ball bearings. In Ashtekar's model, the defect was modelled as an equivalent ellipsoid in contact with the original bearing components geometry. Niu et al. 53 studied the fault mechanism, and the effects of defect sizes, rotation speed and radial loads on the bearing vibration response were investigated. To sum up, the dynamic model is an effective method to analyse defective bearings.
The literature review gives a detailed analysis of defective bearings' vibration performances. However, there are some limitations: (1) The majority defected bearing types are ball bearings, and fewer researches investigated the dynamic characteristic of defective cylindrical roller bearings, the interaction between the roller and the defect zone differs from that between the ball and the defect area in a ball bearing; (2) the slippage and tractive forces between the rolling elements and raceways are noticed rarely;
(3) the coupled effects of gravity forces, centrifugal forces and gyroscopic forces are not considered in previous models and (4) in many analyses, only the contact between rollers and inner raceway is considered.
In this paper, on the basis of Gupta's model, 48 ,49 a multi-body dynamic model is proposed for defective cylindrical roller bearings. In the current method, the contact of rollers with the inner and outer raceway grooves is taken into account, and the time-varying deflection excitation is used to model the defects. The detailed description is applied to the reactions between the roller and defective raceways: contact forces, traction forces and relative slippage. The coupling of gravity forces, centrifugal forces and gyroscopic moments are also considered in this model. The slice method is used to describe the non-Hertzian load-deflection relationship. In order to validate the proposed model, numerical simulation results are compared with experiments results.
Problem formulation
In this section, a mathematical model for the vibration analysis of cylindrical roller bearings with surface defects is proposed. In view of the complexity of real cylindrical roller bearings, the following assumptions are made:
1. The mass centre is coincident with geometric centre for all the bearing components, which means out-of-balance effects are ignored. In practice, due to the manufacturing technique, bearings mostly operate under unbalanced conditions caused by eccentric loading. 2. All the bearing components and the rotor are rigid, and deformations only occur according to the Hertzian theory of elasticity in the contact zones but plastic deformations are neglected. In reality, bearings are lubricated and dry contact conditions assumed here (implicit with the use of the Hertzian theory) closely approximate bearings operating under elastohydrodynamic regime of lubrication. However, bearings particularly in horizontal rotor-bearing configuration develop loaded and unloaded regions and ideally a lubricated contact dynamics approach is required. The only solution for this was provided by Rahnejat and Gohar 21 for radial ball bearings. They have shown that for suitably preloaded bearings, elastohydrodynamic conditions may be assumed throughout bearings' operation, which is the case assumed here. Therefore, this means that only a qualitative comparison may be made with any experimental results. 3. Bearings are assumed to operate under isothermal conditions, with all thermal effects ignored. However, under normal operations, heat is generated in the bearings due to shearing of a lubricant film in roller-to-races contacts, which has been studied by Liu et al. 54 
The interactions between cage and other elements
are absent. In fact, cage interactions play an important role in the motions of bearings, and a solution including the effect of cage interactions was found in Gupta's study. 48 
The rollers and inner raceway have motions in the
plane of the bearing only, with no skewing or tilting. In practice, there are often eccentrically applied loads, causing misaligned contact of rollers to raceway grooves. Solutions for this effect were provided under dry conditions by Johns and Gohar 55 and under lubricated condition by Kushwaha et al. 56 6. Outer raceway is rigid to the housing and the inner raceway is fixed rigidly to the shaft. 7. The bearing housing and the bearing rings are assumed to be rigid. These elements are elastic and can be subjected to deformation actually, which would affect the results of analysis. Such solutions were provided by Gao et al. 57 Clearly, there are many aspects to take into consideration in bearing dynamic analysis. The emphasis of the current work is on the effect of bearing defects on its vibration response. Therefore, for time efficient analysis, it is important to make certain simplifying assumptions, such as those made above.
Roller geometry
The geometry of a roller is shown in Figure 1 . For avoiding the stress on the surface, the roller has fully crowned geometry. L b , L e and L p are total length, effective length and central flat land length, respectively. Crown radii, corner radii and diameter are represented by R c , R rc and d b , respectively. In order to calculate non-Hertzian contact forces, the roller should be divided into slices. The radius reduction c b of each slice is expressed as 48,50
where x k is the axial coordinate value of the slice element k relative to the roller centre, which is described as
where n is the slice number, and L e ¼ L b À 2R rc .
Contact geometry between roller and raceway
The geometrical interactions between the roller and a raceway in the inertial frame of reference (X i ,Y i ,Z i ) is described in Figure 2 . The position vectors r i b ¼ [0 Àr j sin y j r j cos y j ] T and r i r ¼ [0 y r z r ] T denote the positions of the roller centre B and the raceway centre R; r j is the distance from roller j to the bearing centre; j is the azimuthal angle of roller j; and x r and y r are the coordinates of the raceway centre in the inertial frame, respectively. For describing the interactions between the roller and raceways preferably, the roller-fixed coordinate frame (X b ,Y b ,Z b ) and the race-fixed coordinate frame (X r ,Y r ,Z r ) should also be established. X b and X r are the rotation axis of the roller and the raceway, respectively. To describe the position of the roller, the roller azimuthal frame (X a ,Y a ,Z a ) is defined such that X a is parallel to X i , Z a is parallel to the radial component of r i b , and Y a is obtained by the right-hand screw. All the transformation matrixes between the frames are determined by the Cardan Angles. 50 After the relative frames are acquired, the vector of the roller centre with respect to the raceway centre in the race-fixed frame can be written as
where T ir ¼ [T(' r , 0, 0)] is the transformation matrix from the inertial frame to the race-fixed frame and ' r is the rotation angle of the raceway along its axis X i . Later, the vector from the slice centre k to the raceway centre is expressed as
Then, the azimuth angle ' k between the slice and the raceway centre is
The subscripts 2 and 3 are the second and the third components of vector r r kr . After obtaining this angle, the race-fixed azimuth frame (X ra ,Y ra , Z ra ) can be defined as follows: X ra is parallel to X r , Z ra is parallel to the radial component of r r kr and Y ra is determined by the right-hand screw. The transformation matrix from the race-fixed frame to the race azimuth frame is
The vector from the contact point P on the circumference of the slice k to the raceway centre is written as
is the transformation matrix from the roller-fixed frame to the inertial frame, ' bj is the rotation angle of the roller j along its axis X b ; the vector
T is from the contact point P to the roller centre in the roller-fixed frame as shown in Figure 2 .
The value of the second component of vector r ra pr should be zero to confirm in the vector r b pb . There will be two values of
where T ¼ T rra T ir T À1 ib , the subscripts 21, 22 and 23 are three parameters in the second row of matrix T. r ra br2 is the second component of vector r ra br ¼ T rra r r br in the race-fixed azimuth frame and is the value that makes r ra pr3 smaller for inner raceway and larger for outer raceway.
The elastic deflection at the contact point P on the roller surface is calculated as where d r is the diameter of raceway. The subscript þ is for the outer raceway and À is for the inner raceway.
To affirm the direction of the interaction between the roller and raceways, the contact frame (X c ,Y c ,Z c ) is established. The transformation matrix from the race-fixed azimuth to the contact frame is T rac ¼ [T(0, , 0)], where is 0 for outer race and for inner race. 48 Based on the Palmgren's fitting formula, 48, 50 the contact force Q c can be got by
where K c is the contact stiffness and expressed as
where v 1 and v 2 represent Poisson's ratio, and E 1 and E 2 denote the elasticity modulus for the roller and raceways.
The contact force vector F c c in the contact frame can be written as
Traction force
In addition to contact forces, the relative sliding between the roller and a raceway also causes traction forces. For the calculations of traction forces, the vector from the slice centre to the contact centre in the roller-fixed frame may be
Then, the vector from the raceway centre to the contact centre in the inertial frame can be described as
After obtaining these distance vectors, the velocity vector of the raceway v c r in the contact frame is expressed as
where v i r is velocity vector of the raceway in the inertial frame, w r r is the angular velocity vector in the race-fixed frame and _ j is the orbit speed of the jth roller.
The velocity vector of the roller v c b in the contact frame can be calculated as
where w b b is the angular velocity vector in the rollerfixed frame and _ r j is the radial translation speed of the jth roller in the inertial cylindrical frame.
Then, the relative slip velocity vector v c rb between the roller and the raceway is confirmed as
In cylindrical roller bearings, the slip will be primary in the y c direction, 50 hence traction forces will act along the y c axis in the contact frame. The traction coefficient k br will be determined by the following traction model 48, 50 k br ¼ À0:
where v c rb2 is the second component of the vector v c rb , which is located along the y c axis of the contact frame.
Then, in view of the effect of lubricant damping c rr , the contact force vector can be changed as
The traction force vector will be calculated as
Net forces and moments
When contact forces and traction forces are obtained, net forces and moments can be calculated. According to the requirement for equations of motion, forces and moments will be transformed to the inertial frame and the body-fixed frame. 50 The general force vector acting on the roller in the roller azimuthal frame is
Then, the force vector acting on the raceway in the inertial frame will be given by the equation
The moment vector acting on the roller in the rollerfixed frame is defined as
And, the moment vector acting on the raceway in the race-fixed frame is computed as
Localized surface defects modelling As shown in Figure 3 , when the roller passes through a defect on the raceway, the contact deflection suddenly changes due to the absence of material. As a result, the variations of forces and moments acting on the bearing components are produced. For the changed forces and moments, the alterative deflection should be described as
where d is the defect deflection excitation, È 0 is the initial angular position of the defect zone and È d is the desired length of the defect in the tangential direction and expressed as
The angular position È f can be determined as
where È r is the rotation angle of the shaft along the axis X i .
Localized surface defect types. To calculate the defect deflection excitation d , the defect type should be confirmed. Considering the specialty of defective cylindrical roller bearings, various defect lengths may generate different deflection excitations. Three defect types are shown in Figure 4 . The first defect type is shown in Figure 4 (a). Defect length does not include the distance from the left defect edge to the left-hand end of the roller. The axial coordinate value x k from the slice centre to the roller centre can be written as
The second defect type is shown in Figure 4(b) . Compared with defect type 1, the sum of defect length and the distance is larger than the roller length, and x k can be given by
The third defect type is shown in Figure 4 (c). Defect length includes the distance from the defect edge to the left-hand end of the roller, and the axial coordinate value is Defect deflection excitation. For the interaction between the roller and the defect surface, it is complicated and time varying. A single sine function is not enough to describe this interaction. Shao 31 proposed valid models for the time-varying deflection. The models are split into two cases based on the relationship between defect length and the maximal additional deflection. First, according to the geometrical property, the maximal additional deflection H e can be expressed as
As shown in Figure 5 (a), defect length is larger than the maximal additional deflection (H d > H e ) in the first case. When the roller rolls through the defect zone, it contacts with the defect edge A and B, not the defect bottom surface. By this time, the defect deflection excitation d is
L dr À r rc s 1 for distance zone À L e 2 þ L dr À r rc þ ðk 2 À 0:5Þ
x k ¼ À L e 2 þ ðk 1 À 0:5Þ L dr À r rc s 1 for distance zone À L e 2 þ L dr À r rc þ ðk 2 À 0:5Þ
x k ¼ À L e 2 þ ðk 1 À 0:5Þ L d À L dr À r rc s 1 for distance zone À L e 2 þ L d À L dr À r rc þ ðk 2 À 0:5Þ where È d1 is the arc length between the edge A and B, and the same as that between the edge C and D. The value is
Governing equations of motion
When all the forces and moments are known, dynamic equations of bearing components will be described in different frames according to their kinematic characteristics. 48, 50 The translational equations of motion for the inner raceway and shaft in the inertial frame are expressed as
where m s is the mass of inner raceway and the shaft, g is the gravity acceleration and F r is the radial loads acting on the shaft. The equations of motion for the roller in the inertial cylindrical frame are given by
The rotational equations of motion for bearing components can be described as
where (I 1 ,I 2 ,I 3 ) are the moments of inertia, (w 1 ,w 2 ,w 3 ) are the components of the angular velocity vector, M 1 is shown as M r r1 for inner raceway and the shaft and M b b1 for the roller.
Results and discussion
In order to obtain the dynamic responses, system equations (34)-(36) are solved by the fourth-order Runge-Kutta integration method with variable steps. FORTRAN programming is used to solve these equations iteratively for the specified time period. The initial value is provided by the quasistatic equilibrium. 50 The obtained results supply rollers' positions, deformation relations, forces, moments, velocities and accelerations for each time step. The flow chart of the numerical computation is provided in Figure 6 . The input data related to the analysed shaft-cylindrical roller bearing system are listed in Table 1 . The shaft speed is 4000 rpm, and the radial force acting on the bearing is chosen to 480 N.
Dynamic response of healthy cylindrical roller bearing
In this section, dynamic responses of a healthy cylindrical roller bearing are studied.
Since the roller vibrations are periodical, the study for dynamic performances of roller 1 is enough. 34 Dynamic responses of roller 1 are shown in Figure 7 (a) to (d). When the shaft rotates, applied radial loads are not supported by all the rollers but only some ones. 34 As a result, the supporting rollers are deformed with respect to inner raceway and outer raceway, while the rest are only deformed relative to outer raceway. As shown in Figure 7 (a), contact forces between roller 1 and raceways change periodically and that of outer raceway are larger than inner raceway due to centrifugal forces. Moreover, the period is 0.0384 s. Thereupon, the bearing can be divided into the unloaded zone and the loaded zone.
Due to contact forces, there are cyclic deflections between the roller and raceways. For obtaining the trend of deflections, the critical value is set to 0.5 d r . The difference between the radial distance of the roller apart from the bearing centre and the critical value is the deflection. The deflection can also be defined as the radial position. Radial positions of roller 1 are shown in Figure 7 (b), and the maximum exists in the loaded zone. Figure 7 (b) also shows that the unloaded zone is from 91 to 270 and the loaded zone is the rest of 360 circle angle. Based on contact forces, the orbit speeds and spin speeds of the roller change periodically with respect to its circumferential positions (see Figure 7 (c) and (d)). When the roller moves into the loaded zone, both contact forces and tractive forces gradually become larger, as well as orbit speeds and spin speeds. Then, these two speeds tend to stabilize while the forces come to the maximum. However, when the roller leaves the loaded zone and enters into the unloaded zone, all the speeds begin to decrease with the forces. The trend of these speeds is in accord with Zhan's. 58 Meanwhile, these periodic trends are transferred to the shaft by the interaction between the roller and inner raceway. Therefore, the periodic vibration of the shaft is produced. Figure 7 (e) shows periodic responses of the shaft accelerations in the Z direction, and the period time is in keeping with that of roller 1. The displacement vibration spectrum of the shaft in Z direction is shown in Figure 7 (b). Compared with the previous literatures, 26, 27, 31 the main peaks can be observed at cage frequency f c and its harmonics 2f c , except for roller passing outer raceway frequency f o and its harmonic f o AE f c . Cage frequency and other harmonics may be produced by the slippage between the roller and raceways. There are little differences between the results from the proposed model and that from Lynagh's study 2 and Harris's method 59 (listed in Table 2 ).
Dynamic response of different defect models
In this section, dynamic responses of the shaft-bearing system with different surface models, different defect types and different defect sizes are discussed. Dynamic responses of defect type 1 with time-varying deflection models. Dynamic responses of bearing components for defect type 1 with different surface models are analysed, and defect sizes are listed in Table 3 . The initial angular position È 0 of the defect zone is set to 180 for ensuring the interactions between the roller and raceways. The displacement frequencies spectrum of the shaft in Z direction with localized defects on outer raceway is given in Figure 8(a) . Cage frequency f c , roller passing outer raceway frequency f o and its frequency multiplications (2f o , 3f o , 4f o , 5f o ) are found with the maximum peak 6f o ; besides the harmonics surround all these frequencies. This phenomenon can be found definitely by the high frequency region: the harmonics 6f o þ f c and 6f o þ f c are around 6f o . The reason of these harmonics is the slide between the roller and raceways. Later, contact forces between roller 1 and outer raceway with defect case 1 are shown in Figure  8 (b). In this figure, the changes of contact forces between the roller and the defective outer raceway present the period characteristic. The cycle time is as well as the motion period of the roller. Moreover, the location acted by the changed force stays the same. A detailed description can be found in Figure 8(c) . When the roller enters into the defect zone at 180 (the angular position of the defect), the radial positions (contact deformations) begin to increase with its radial positions due to the material absence. However, contact forces begin to decrease. The decrement of forces between the roller and inner raceway is greater than that between the roller and outer raceway. When radial positions of the roller exceed the critical value, there is no contact between the roller and raceways. According to equation (30) , the maximal additional deflection H e in this defect case is about 9.1 mm, which is very close to the radial position of the roller. For this reason, contact deformations may come to the minimum, but not vanish. As a result, the least value of contact forces can also be obtained. When the roller begins to leave the defect zone, it impacts the trailing edge of defect in a short time. Then, impulse forces between the roller and outer raceway are produced and come to the maximum gradually, after which these forces decay under the action of the damping. The changes in motions of the roller are also influenced by impact forces, which can be seen in Figure 8(d) . Tractive forces and moments are changed by contact forces, which also make orbit speeds and spin speeds of the roller vary. The roller slows down with the reduced forces and moments, while it speeds up with impact forces produced by the defect. Finally, the roller's motions become stable under the effects of the damping. The above motion trend only happens in the defect zone. However, overall rules of the roller's orbit speeds in defective bearings are in keeping with that of the healthy bearings (see Figures 7(c) and 8(e)). This impact is also transferred to inner raceway and the shaft through the radial movement of the roller. When the roller interacts with the trailing edge of the defect, the impact forces cause the roller to accelerate and decelerate. Later, Figure 8 (f) shows the relations between contact forces acting on inner raceway and the shaft accelerations in the Z direction. Two impulses in accelerations can be found in this figure, which are caused by impact forces. On account of the deletion of material, the first impulse is produced by the disappearance of contact forces while the roller enters into the defect zone. The second one is found at the impact point while the roller leaves the defect zone. There is a 180 shift in phase between these two impulses. This phenomenon was also studied by Sawalhi 60 and Kumar. 61 However, the second impulse is too small due to defect sizes. Figure 9 (a) shows the displacement frequency spectrum in case 2. All the amplitudes are larger, especially for that of roller passing outer raceway frequency f o and the sidebands of 6f o , and there are also more sidebands of harmonics. The impulse forces produced by the defect also become larger than that in case 1, which can be seen in Figure 9 (b). Meanwhile, contact forces between the roller and the defective outer raceway also present the period characteristic. Later, Figure 9 (c) shows the relationships between radial positions and contact forces. When radial positions of the roller exceed the critical value, contact forces between the roller and raceways drop to zero successively when the roller enters into the defect zone. Then, the reduced contact forces lead orbit speeds and spin speeds to decline. These speeds are stable when contact forces vanish, and the enlargements of them are produced while the roller impacts with the trailing edge of the defect. Moreover, the larger impact forces are obtained. This trend can also be embodied in orbit speeds and spin speeds, which is shown in Figure 9(d) . What is more, overall orbit motions of the roller are also under the influences of the defect significantly (see in Figure 9 (e)). Later, Figure 9 (f) shows that the two impulses reported in Sawalhi's research 60 also exist, the second one is more obvious than that of case 1, and the range of variation for accelerations is also wider than that in case 1. Therefore, defect width can be identified in this way. This determination method was used by Kumar 61 to measure defect width of outer raceway.
Dynamic responses of a cylindrical roller bearing with defect case 1 on inner raceway are illustrated in Figure 10 , which are different from the results of bearings with defective outer raceway. Since the defect itself rotates with inner raceway, the vibrations are more complicated. This phenomenon can be found in Figure 10(a) . More frequency components can be found: dominant peaks appear at cage frequency f c , shaft frequency f r , roller passing inner raceway frequency f i and its frequency doubling (2f i , 3f i , 4f i ). Meanwhile, other dominant peaks are at the harmonics and upper and lower sidebands of the har-
). The reason for these frequencies can be explained in Figure 10 (b) to (f). Contact forces between the roller and inner raceway with defect case 1 are shown in Figure 10(b) . Since the roller only contacts with inner raceway in the loaded region (see Figure 7(a) ), the condition which must be satisfied in producing the changed impulse forces is that the roller should be in the loaded zone and the defect area at the same time. The site acted by the changed contact forces is not inconsistent and changes constantly. The particular relations between contact forces and radial positions are offered in Figure 10(c) . Contact forces begin to change at 180 which is in accord with the initial angular position of the defect. Later, when the roller goes into the defect zone, contact deformations and forces decrease with the changed radial positions due to the material absence, and the decrement of contact forces between the roller and inner raceway is smaller than that between the roller and outer raceway. As shown in Figure 10(d) , when the roller enters into the defect region, it begins to speed up with the reduced contact forces. However, the roller's speed decreases under the influence of impact forces while it impacts the trailing edge of the defect. Compared with the healthy bearing, the total motion trend of the roller is unchanged (see Figure 10 (e)). However, the tendency of accelerations is affected by changed contact forces in the defect zone, which can be seen in Figure 10(f) .
Compared with the results from defect case 1 on inner raceway, Figure 11 (a) shows the displacement frequency spectrum of the shaft in case 2. Similar to the comparison of defective outer raceway, all the amplitude is larger, especially for that of roller passing inner raceway and the sidebands of 4f i . Moreover, there are also more sidebands of harmonics. In Figure 11 (b), contact forces drop to zero successively when the roller enters into the defect zone, and the larger impact forces are also obtained. However, contact forces begin to change before the roller impacts the trailing edge of the defect, and the changed radial positions are gained simultaneously. When the roller contacts the trailing edge of the defect, impulse forces are produced. Meanwhile, radial positions increase with impulse forces, and then come to the maximum. Later, radial positions and impulse forces decrease under the influence of the damping, which can be seen in Figure 11 (c). The reduced contact forces lead orbit speeds and spin speeds to increase.
However, these two speeds are stable when the contact forces vanish, and begin to decrease with the action of impact forces. This trend can be seen in Figure 11(d) . Compared with the defect type 1, overall motions of the roller are unchanged, and the impulses produced by the defect are larger, which are given in Figure 11 (e) and (f).
Comparison of different types with same sizes. Since different defect types produce different vibration responses, different types with the same defect sizes should be studied. The defect sizes studied are listed in Table 4 . Figure 12 shows the comparison for dynamic responses of the defective bearing with different defect types on outer raceway. In Figure 12 (a), the displacement excitation waveform of the shaft in Z direction for three types is similar at 312.9 Hz (roller passing outer raceway frequency). However, the amplitude of type 3 is larger than that of type 2, and the vibration of type 1 is the smallest. This rule is also reflected on contact forces (see Figure 12(b) ), the shaft accelerations in the Z direction (see Figure 12 (c)) and the roller's orbit speeds (see Figure 12(d) ). Since the roller is crowned, the contact length and deformations between the roller and the defect zone in three defect types are different, and contact forces generated by these coupling elements are in conformity. Therefore, the shaft accelerations and the roller's orbit speeds produced are also different.
The effects of different defect types on dynamic responses of a bearing with defective inner raceway are given in Figure 13 . The displacement excitation waveform of the shaft in Z direction for three types is similar at 487.1 Hz (roller passing inner raceway frequency). Compared with the results from the defective outer raceway, the amplitude of type 2 is the largest, the following is type 3, and the smallest is type 1 (see Figure 13(a) ). The trend also appears on contact forces (see Figure 13 (b)) and the shaft accelerations in Z direction (see Figure 13 (c)), except for the roller's orbit speeds (see Figure 13(d) ). However, the rule of orbit speeds is opposite. The reasons for these phenomena are also the coupling of the contact length and deflections. Effects of defect sizes. In this section, for avoiding the influences of other defect factors, the effects of defect depth, width and length on dynamic responses of the shaft-cylindrical roller bearing system with defect type 1 are discussed. The effects of defect depth on the maximum impact forces and the shaft accelerations in Z direction are plotted in Figure 14 . Here, defect width and length are 2.0 mm and 11.0 mm respectively, and depth sizes studied are 0.06 mm, 0.09 mm, 0.12 mm and 0.15 mm. As shown in Figure 14 (a) and (c), whether the defect is on outer raceway or inner raceway, impact forces increase with the depth while the depth value is smaller than the maximal additional deflection H e (the type of surface model is 1). However, when the depth exceeds H e (the type of surface model is 2), the largest deformations of the roller remain unchanged, and the impact forces become constant. Moreover, relative to the same depth, impact forces from the defective outer raceway are always bigger than that from the defective inner raceway. Accelerations are also closely associated with impact forces, which can be seen in Figure 14 (b) and (d). The bigger the accelerations are, the greater are the impact forces. Nevertheless, the differences among impulse forces are too small to find the distinctions among accelerations. Since the revolution motions are affected by impact forces, there are some differences on the motions when the roller enters into the defect region. Figure 15 shows the effects of defect width on the maximum impact forces and the shaft accelerations in Z direction. Here, defect depth and length are 0.1 mm and 11.0 mm, and the four different width sizes studied are 1.0 mm, 2.0 mm, 2.4 mm and 3.0 mm. When the defect is on outer raceway, the impacts grow quickly when the width size is small (see Figure  15 (a)). However, the impulses begin to become lighter after defect width surpasses a certain value. This value can be calculated by equation (30) . On the contrary, when defect width is smaller than the certain value, the impact forces from the defective inner raceway become lighter (see Figure 15(c) ). Moreover, the impacts decrease quickly while the width exceeds the certain value, and the imparity in the rule of impact forces also occurs on accelerations (see Figure 15 (b) and (d)). Therefore, the bigger accelerations are generated by the greater impact forces. Due to these impact forces, the roller begins to interact with the defect zone at different times. As a result, there is a nonlinear relationship between impact forces and defect width, which was also reported in Niu's study. 53 The influences of defect length on the maximum impact forces and the shaft accelerations in Z direction are given in Figure 16 . Here, defect depth and width are 0.1 mm and 2.0 mm, and the discussed length sizes are 5.0 mm, 6.0 mm, 7.0 mm and 8.0 mm. When the length of the defect on outer raceway is small, impact forces magnify rapidly (see Figure  16 (a)). However, the relatively slow growth of these forces will come into being if the length comes to a key value. This value may be the roller's central flat land. When the contact length is larger than central flat land, the added deformation is smaller due to geometrical feature of the roller. If the defect appears on inner raceway, impact forces become lighter while the contact length is smaller than the key value (see Figure 16 (c)). Otherwise, impact forces increase with defect length. The trend of the changes in accelerations is also the same as that of impact forces (see Figure 16 (b) and (d)).
Experimental validation
In order to validate the proposed model, an experiment about the vibration measurement of a cylindrical roller bearing with localized defects on outer raceway was carried out. This system is shown in Figure 17 (a): the shaft is supported by two ball bearings and one cylindrical roller bearing, the drive is a variable speed motor and the coupling is utilized to connect the shaft and the motor. The tested bearing can be seen in Figure 17 (b) and its parameters are listed in Table 5 . The shaft performs at the speed of 1500 rpm with a 500 N radial load (through the hydraulic loading system) on outer raceway of the left supporting ball bearing. The acceleration vibrations are measured by an accelerometer (the type is DYTRAN 3255A6) mounted on the housing, and CoCo80 62 is used for collecting the data. The signals are sampled at 2560 Hz with a sampling time of 5 s. The aliasing and cut-off frequencies are chosen to 1000 Hz. Since the accelerometer is mounted on the pedestal, the amplitude response is somewhat influenced by the unknown damping of the tested bearing-shaft system. As a result, the amplitudes of vibration responses are different from the simulation results. Therefore, only the frequency spectra from the tested system can be compared with that from the simulation.
In view of the slide between rollers and raceways from the simulation model, cage frequency f c , roller passing outer raceway frequency f o and the harmonic (2f c , 2f o , f o À f c , f o þ f c , 2f o À f c , 2f o þ f c ) from the experiment are compared with those from the simulation. Comparison of the acceleration frequency spectra from the simulation and the experiment is shown in Figure 18 . Shaft frequency (f r ¼ 25 Hz) can be seen in the experiment results, but it does not appear in the simulation results. The reason is the assumption of balanced shaft in the simulation. The compared results are listed in Table 6 . From the results, the reliability of the proposed model is verified by little differences between the simulation results and the experiment results.
Conclusion
More real modelling of defected bearing can provide more reliable proofs for the defect detection. In this study, a dynamic model of cylindrical roller bearings is developed based on Gupta's model. [48] [49] [50] Centrifugal forces, gravity forces and slipping of the rollers during rolling are taken into account. More precise and systematic results are obtained for cylindrical roller bearings with localized surface defects on raceways. An experimental validation is also carried out. On the basis of the analysis results, the following conclusions can be drawn:
1. In the displacement excitation waveform of the shaft from the simulation results, the main peaks can also be observed at the cage frequency and its harmonics, except for the roller passing outer raceway frequency, and the roller passing inner raceway frequency and their harmonics, which also appear in the experimental results. These relationships among contact forces, orbit speeds, spin speeds and accelerations are also discovered in this study. 2. The effects of defect types, depth, width and length on the dynamic responses of cylindrical roller bearings are discussed, and these studies reveal the failure mechanism and severity of defective bearings. 3. The interactions between bearing components and cage, elastohydrodynamic lubrication, the skewing or tilting of bearing elements and the vibration transfer path are not considered in this model. These factors will be investigated in the future work. 4. When a roller passes through the defect zone, the actual contact stiffness between the roller and the defect is different from the Hertz stiffness, which may have an effect on the vibration of defective bearings. Therefore, more actual contact stiffness should be used in future.
